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The computer program SHABERTH was used to analyze 35-mm-bore evlindrical roller bearings designed and
manufactured for high-speed turbomachinery applications. Paramertric tests of the bearings were conducted on a high-
speed, high-temperature bearing tester and the results were compared with the computer predictions. Bearings with a
channeled inner ring were lubricated through the inner ring, while bearings with a channeled outer ring were lubricated
with oil jets. Tests were run with and without outer-ring cooling. The predicted bearing life decreased with increasing
speed because of increased contact stresses caused by centrifugal load. Lower temperatures, less roller skidding and lower
power losses were obrained with channeled inner rings. Power losses calculated by the SHABERTH computer program
correlated reasonably well with the test results. The Parker formula for XCAV (used in SHABERTH as a measure of oil
volume in the bearing cavity) needed to be adjusted to reflect the prevailing operating conditions. The XCAV formula will
need to be further refined to reflect roller bearing lubrication, ring design. cage design. and location of the cage-
controlling land.

INTRODUCTION

Aircraft turbine engines in the small class (0.45 to 4.5 kg/sec or | to 10 Ib/sec total airflow) require rolling-element
bearings to operate at temperatures to 218 °C (425 °F) and at speeds in excess of 2.5 million DN. (DN is defined as the
speed of the shaft in revolutions/minute multiplied by the bearing bore in millimeters.) To achieve speeds of 3 million DN
with angular-contact ball bearings and cylindrical roller bearings, Zaretsky et al. (1) and Signer et al. (2) proposed the
concept of bearing thermal management as the proper technological approach to high-speed bearing operation. Under-ring-
lubricated bearings were provided with outer-ring cooling. The basis of this concept was the recognition that total and
flexible thermal control over all the bearing components was essential to achieving a reliable high-speed, highly loaded
bearing. Research reported by Zaretsky et al. (1), Signer et al. (2), and Bamberger et al. (3.4) showed that bearings could be
operated reliably for long periods at speeds to 3 million DN with lubrication through annular passages extending radially
through the bearing split inner ring and lands (under-race tubrication) and with outer-ring cooling.

Parametric tests on 35-mm-bore angular-contact and split inner-ring ball bearings were performed by us and reported in
refs. (5-11). For the ball bearings having a split inner ring and under-ring lubrication, optimal operating conditions were
obtained with an inner-ring, land-guided cage, using outer-ring cooling in conjunction with low lubricant flow rates. Lower
temperatures and power losses were obtained with a single outer-ring, land guided cage having a relieved inner ring and
partially relieved outer ring. Reasonably good engineering correlation was obtained using the computer program
SHABERTH for predicted power loss and for inner- and outer-ring temperatures. The Parker formula (12) for XCAV (used
in SHABERTH. a measure of the oil flow volume in the bearing cavity) was found to need refinement to better reflect
bearing lubrication mode, cage design, and location of the cage controlling land.

Applying under-ring lubrication to small-bore cylindrical roller bearings is more difficult than applying it to larger bore
sizes. Limited space is available for grooves and radial holes for supplying the lubricant under the inner ring. For a given
DN value. centrifugal effects are more severe with small bearings because centrifugal force varies with the square of the
speed where DN is proportional to speed. Heat generated per unit of surface area is much higher and heat removal is more
difficult.
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The objective of the research reported herein was to extend our work (5-11) to include the effect of bearing and cage
design, shaft speed. lubricant flow rate, and outer-ring cooling on the operation of 35-mm-bore cylindrical roller bearings.

APPARATUS, SPECIMENS, AND PROCEDURE
High-Speed Bearing Tester

A schematic drawing of the air turbine-driven test machine initially described by Pinel and Signer (13) is shown in
Fig. 1. The horizontally mounted shaft was assembled with a set of preloaded angular contact ball bearings on the turbine
end and a cylindrical roller bearing on the test bearing end. The test bearing was overhung and mounted in a separate
housing that incorporated the hardware for lubrication. oil removal, radial foad application, and instrumentation for cage
speed measurement. For these tests, the test bearing was a cylindrical roller bearing. The test bearing was radially loaded
through a hydraulically powered yoke. The test bearing torque was measured with strain gauges located near the end of an
arm that prevented the housing from rotating.

The test bearing can either be lubricated through the bearing inner ring and/or by a pair of stationary lubricant jets. The
jet outlets were located ~3 mm (0.12 in.) from the face of the bearing. In separate tests with ball bearings, not reported
herein. it was determined that a 20 m/sec (66 ft/sec) jet velocity provided the most efficient test bearing lubrication;
therefore, this velocity was used in all the tests reported. (Miyakawa et al. (14) reported a similar efficiency with a
20 m/sec (66 ft/sec) jet velocity over other velocities.)

For inner-ring lubrication, oil was pumped by centrifugal force from the center of the hollow shaft through axial grooves
in the test bearing bore and through a series of small radial holes, 0.762 mm (0.030 in.) in diameter, to the bearing inner
race. The axial grooves in the bearing bore provided cooling for the inner ring.

Cooling of the test bearing outer ring is accomplished by supplying oil to the annular grooves in the bearing mounting
surfaces as shown in Fig. 1. Oil flow could be varied with the objective of equalizing the inner- and outer-ring
temperatures.

Test Bearings

Two cylindrical roller bearing configurations shown in Fig. 2 designed and manufactured for high-speed turbomachinery
applications were investigated. These were a channeled inner-ring bearing that used an inner-ring-guided cage (Fig. 2(a))
and a channeled outer-ring roller bearing that used an outer-land guided cage (Fig. 2(b)). The specifications for both test
bearings are summarized in Table 1. The bearings were an ABEC 7 grade and each contained 16 rollers with a nominal
7.14-mm (0.281-in.) diameter and length. The inner and outer rings and the rollers were manufactured from consumable-
electrode, vacuum-melted, AISI M-50 steel. The surface finishes of the races were 0.125 um (4.9 pin.) Arithmetic Average
(AA) or better. The surface finish of the rollers was 0.075 um (2.4 pin.). The bearing surface composite finish was
0.13 um (5.0 pin.). The nominal hardness of the rollers and rings was Rockwell C62 at room temperature.

The cage was manufactured from AISI 4340 steel (AMS 6415) heat treated to Rockwell C 28 to 34 hardness. It was
completely coated with a 0.02- to 0.04-mm (0.0008- to 0.0015-in.) thickness of silver plate (AMS 2412). The cage balance
was within 0.05 g-cm (7107 0z-in.).

Test Procedure

After the test machine had been warmed by recirculating heated oil and the torque-measuring system had been
calibrated, a 667 N (150 Ibf) radial load and a 1.9 {/min (0.50 gal/min) lubricant flow rate were applied. The shaft speed
was then slowly brought up to a nominal 28.000 rpm. When the bearing and test machine temperatures stabilized (after 20
to 25 min), the oil-inlet temperature and lubricant flow rate were set and the speed was increased to the desired value.

A test series was run by starting at the lowest nominal speed, 50,000 rpm, progressing through 65,000 and
72.000 rpm before changing the lubricant flow rate. At each speed and flow condition, a separate test was run during which
the outer-ring cooling oil flow was adjusted to achieve equal inner- and outer-ring temperatures. Four lubricant flow rates
ranging from 0.3 to 1.9 €/min (0.08 to 0.50 gal/min) were used.

The first series of tests on the channeled inner-ring bearings were run with 667 N (150 1bf) radial load. The remaining
tests were run with 1334 N (300 Ibf) radial load. During testing, if it became apparent that the conditions would result in

oS
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predictable distress of the test bearing or test rig or that the bearing temperature would exceed 218 °C (425 °F), the test was
aborted.

The shaft speed (inner-ring speed) was measured with a magnetic probe. The ball-pass frequency (cage speed) was
measured with a semiconductor strain gauge mounted in a cavity of the housing and was displayed on a spectrum analyzer.

Two thermocouples were assembled in the shaft so that the centrifugal force would push them against the test bearing
inner ring. Temperature readings were transmitted with a rotating telemetry system mounted on an auxiliary shaft at the air
turbine end of the test machine. Outer-ring temperatures were obtained by two thermocouples installed in the test-bearing
housing, one located 45° from the center of the radial load zone of the bearing and the other positioned 180° from the first.
For accurate measurement of oil-in and oil-out temperatures, thermocouples were placed directly in the housing fittings of
the lubricating jets and in the oil discharge reservoir, as shown in Fig. 1.

The channeled inner-ring bearing design permitted lubrication through the inner ring by means of axial grooves
machined in the bore. Radial holes. 0.762-mm (0.030-in.) in diameter, radiating from the bearing bore formed a flow path
for bearing lubrication. The bearing inner-ring grooves and radial holes were designed so that 100 percent of the oil
supplied to the inner ring lubricated the bearing. This flow also cooled the inner ring. Bearings with a channeled inner ring
were lubricated through the inner ring, while bearings with a channeled outer ring were lubricated with oil jets.

Lubricant

The lubricant used for the parametric studies was neopentylpolyol (tetra) ester. This Type I1 oil is qualified to the MIL-
L-23699 specifications and also to the internal oil specifications of most major aircraft engine manufacturers. The major
properties of the lubricant are presented in Table 2.

RESULTS AND DISCUSSION
Life Analysis

The computer program SHABERTH (15) was used to calculate the contact (Hertz) stresses and life of the test bearings.
The results of this analysis are summarized in Table 3. All computations were made with temperatures resulting from a
lubricant flow rate of 0.76 €/min (0.20 gal/min) with no outer-ring cooling. The measured inner- and outer-ring
temperatures were used for these calculations. The effect of speed on the maximum Hertz stress for the inner and outer
races is shown in Fig. 3 and summarized in Table 3.

For both the 667 N (150 Ibf) and 1334 N (300 Ibf) radial loads. the outer-race stresses increase with speed. whereas the
inner-race stresses remain relatively unchanged. The outer-race stress, because of centrifugal effects, exceeds that of the
inner race. The bearing becomes outer-race life dependent, that is, with speed. the components having the highest
probability of failure shifts from the inner race to the outer race.

Figure 4 shows the resultant calculations for bearing L, life as a function of speed. The L, life is the time in hours that
90 percent of a population of bearings would be expected to exceed without failing or that time within which 10 percent of
the population will have failed. Life factors from (16) (Table 1) were incorporated in the SHABERTH computer analysis.
The bearings available for testing had a composite surface finish of 0.13 pm (5.1 gin.) AA. Composite surface finishes of
0.05 pm (2 pin.) AA are commonly found in better commercial quality bearings. Both levels of surface finish were
analyzed. (The composite surface finish is ¢ = (G,,° + 6°)'" where 0, and o, are the Arithmetic Average (AA) surface
finishes of the rollers and races, respectively.) Also, it was assumed that the AISI M-50 steel processing was both CEVM
(VAR), single-vacuum-melted, and VIM-VAR, double-vacuum-melted (Table 1 and Zaretsky (16)). These assumptions
resulted in changes of life factors a, for material and processing and a, for lubrication (16). The a, and a, life factors are
summarized in Tables 1 and 3, respectively.

With reference to Fig. 4(a), life in hours decreases with speed and radial load. Improved surface finish significantly
improves bearing life as shown in Fig. 4(b). Combining this improvement in surface finish with the double-vacuum-melted
(VIM-VAR) material, processing of the AISI M-50 steel can further double the expected bearing life. Even with this life
improvement, the absolute life in hours may not be sufficient for many commercial aircraft engine applications compared
with what can be obtained for lower-speed applications. This would imply that there is a need to further optimize bearing
design for higher-speed applications to obtain longer bearing life. For example, a change in the roller crown profile to a
partial crown and extending the crown radius to 460 mm (18 in.) would further increase bearing life as indicated in Table 3
and Fig. 4(c).
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Bearing Power Loss

While originally developed for ball bearings, the XCAV factor may be applied successfully to cylindrical roller bearings.
Since values for XCAV are a function of bearing geometry, different bearing configurations will require different XCAV
values.

The bearing cavity is defined as the space between the inner and outer races that is not occupied by the cage and the balls
or rollers. The authors of Ref. (15) recommend that the values used for XCAV be less than 5 percent. It is expected that
XCAV vary with lubricant flow rate. shaft speed, and bearing size. Previous work (17,18) has shown that XCAV values of
two-to-three percent generally correlate well with the experimental data over a small range of conditions. Lubricant flow
rate and shaft speed were not correlated with XCAYV in these previous works.

Parker (12) derived an equation for XCAV based on a comparison of the heat generation, temperature, and lubricant
flow rate for three sizes of angular-contact ball bearings. The Parker equation for XCAV follows for SI units:

0.37

wo-
XCAV = 10.0><10°N— (1a)

1.7
m

where the variables are lubricant flow rate W. cm*/min: inner-race speed N, rpm; and pitch diameter ,. mm. The equation
in English units is

0.37

al7

XCAV =8.62x10° (1b)

where W is in gal/min, N is in rpm, and d,, is in inches.

To assess the effects of shaft speed and lubricant flow on XCAV, the SHABERTH computer program was used to
calculate the performance of the 35-mm bore. cylindrical roller bearing for speeds from 50,000 to 72.200 rpm and lubricant
flow rates from 0.30 to 1.9 (/m (0.08 to 0.50 gal/min). The radial load and oil-in temperatures were held constant at 667 N
(150 1bf) or 1334 N (300 ibf) and 121 °C (250 °F), respectively. The results of this analysis are shown in Fig. 5. Bearing
power loss increases linearly with lubricant volume percent and also increases with bearing speed. This analysis would
suggest that, to minimize loss at a higher speed. lubricant flow to the bearing be minimized while the temperature be
maintained at acceptable levels, i.e., <218 °C (<425 °F). The bearing (oil) temperature affects the elastohydrodynamic film
thickness, which does have an effect on bearing life. Hence, the engineer must carefully balance acceptable bearing power
loss and bearing life and reliability requirements. Some of the factors that influence the lubricant fill in the bearing are oil
flow rate. viscosity, density. housing and shaft configuration, cage design, and bearing ring-land configuration.

Lubricant Flow Rate

The measured temperatures are shown in Fig. 6 for the bearing with the channeled inner ring at 667 N (150 Ibf) and
1334 N (300 lbf). The inner- and outer-ring temperatures decreased and power consumption increased as lubricant flow
rate increased. These results are consistent with reported temperature measurements made with high-speed ball bearings.

The difference in temperature (AT) between the inner and outer races was mildly affected by the lubricant flow rate. At
50.000 rpm with the lower flow rate of 0.76 €/min (0.20 gal/min) AT between the outer and inner rings was ~22 °C (40 °F).
At 72,000 rpm AT was ~35 °C (63 °F) with a maximum outer-ring temperature of 210 °C (410 °F). As the lubricant flow
rate increased to 1.9 €/min (0.50 gal/min), the AT was reduced to 10 and 22 °C (18° and 22 °F) at 50.000 and 72.000 rpm,
respectively. At 72,000 rpm, the maximum outer-race temperature was ~178 °C (352 °F). The results are consistent with
past experience which has shown that with increased lubricant flow rate race temperatures will decrease and then begin to
increase at some intermediate flow rate.

So that heat rejection (power loss) could be thermally determined, oil-inlet and oil-outlet temperatures were measured for
all flow conditions. The heat absorbed by the lubricant was obtained from the standard heat-transfer equation:
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QT:me(’out_['m) (2)

Where Q, = total heat-transfer rate to lubricant. J/min (Btu/min); m = mass flow rate, kg/min (lbm/min):
C, = specific heat, J/kg °K (Btu/lbm °F): 7o, = oil-outlet temperature, °C (°F); 1,, = oil-inlet temperature, °C (°F).

Figure 7(a) shows the effect of lubricant flow rate on bearing power loss. The power loss shown was measured
mechanically and thermally. The thermal measurements were consistently 0.2 kW (0.3 hp) higher than those determined
mechanically. This difference can be attributed to (a) oil churning losses measured by the thermal method and not captured
by the mechanical method and (b) inaccuracies in the lubricant specific heat values that were available.

The power loss increased linearly with flow rate. At a lubricant flow rate of 0.76 €/min (0.20 gal/min), the power loss
was ~0.93 kW (1.25 hp) at 50,000 rpm and 1.7 kW (2.25 hp) at 72.000 rpm. At the flow rate of 1.9 {/min
(0.50 gal/min), the power loss was 1.4 kW (1.9 hp) at 50.000 rpm and 3.0 kW (4.0 hp) at 72,000 rpm.

The predicted power loss (Fig. 7(b)) showed the same trend as the experimental data but was higher than that measured
mechanically or thermally. The differences between the measured and predicted losses were reasonably consistent. At
50,000 rpm, the difference between the power loss measured thermally and that calculated ranged from 0.4 to 0.8 kW (0.5
to 1.1 hp). At 70,000 rpm. this difference was ~0.8 kW (1.1 hp).

Effect of Speed

The effects of speed on bearing temperature, power loss and cage speed ratio were studied for cylindrical roller bearings
with raceway channels on inner rings or outer rings (Fig. 2). Radial loads of 667 N (150 lbf) and 1334 N (300 Ibf) were
applied. Speed was varied from 50,000 to 72,000 rpm. The oil-inlet temperature was held constant at 121 °C (250 °F).

Figures 8 (a) to (e) show bearing ring temperatures as a function of speed for loads of 667 N (150 1bf) and 1334 N
(300 Ibf). with and without outer-ring cooling for both the channeled inner-ring and channeled outer-ring bearings.

Generally, ring temperatures increased with increasing speeds and decreasing lubricant flows. The ring temperatures of
the roller bearings with a channeled inner ring was ~135 °C (275 °F) for both rings at the lowest speeds and highest flows.
The highest temperatures for the inner ring was 170 °C (338 °F) and 200 °C (392 °F) for the outer ring at the highest speed
with 0.76 €/min (0.20 gpm) flow, which is the lowest allowed flow. On the average, bearing ring temperatures were
affected by less than 5 °C (9 °F) when increasing the radial load from 667 N (150 1bf) to 1334 N (300 Ibf).

Tests with lower lubricant flow rates were not run at speeds above 50.000 rpm as ring temperatures would have
exceeded the set limit of 218 °C (425 °F). The difference between the outer- and inner-ring temperatures AT varied from 0
to 28 °C (0 to 50° F).

To improve bearing life and to maintain a small internal diametrical clearance (IDC). it may be desirable to thermally
manage the bearing. A way to control IDC is by cooling the bearing outer raceway. This method was extensively reported
in refs. (1-4). Figure 8 shows the effect of bearing outer-ring cooling on inner- and outer-ring temperatures. In these tests,
the outer-ring cooling was used to match the inner- and outer-ring temperatures.

Figures 9 (a) to () show the effect of speed on power loss for the bearing with a channeled inner and outer ring, 667 N
(150 Ibf) and 1334 N (300 Ibf) radial load, and with and without outer-ring cooling. As would be expected, power loss
increases with speed and load. At 667 N (150 1bf), the power loss ranged from ~0.5 kW (0.7 hp) at 50,000 rpm to ~2.5 kW
(3.4 hp) at 72,000 rpm. Outer-ring cooling had only a nominal effect on bearing power loss. Increasing load on the bearing
to 1334 N (300 1bf) increased the power loss by less than 0.4 kW (0.5 hp).

In Fig. 9, the experimental results were compared with the SHABERTH computer program predictions for power loss as
a function of speed. The experimental results compared favorably to predictions generated by the computer program.

Optimal operating conditions for this bearing at high speed can be achieved by using outer-ring cooling in conjunction
with low lubricant flow rates. Since the ring temperatures with outer-ring cooling are cooler, less oil flow is needed to
lubricate and internally cool the bearing. Less oil flow inside the bearing cavity means less bearing power loss.

In general, the tests with the channeled outer-ring bearings follow the same trends as the channeled inner-ring bearings.
Differences in measurements are attributed to pooling of the oil in the raceway channel as the roller compliment has to
plow through the pool of oil. This requires higher power resulting in higher operating temperatures.
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Cage Slip

The difference between the cage epicyclic speed ratio (0.427 for these bearings) and the measured cage speed ratio is
indicative of roller slip. There is little difference in the cage speed ratios in tests with and without outer ring cooling as can
be seen in Figs. 10(a) to (d). However, changing the radial load can affect the cage speed ratio significantly. Examination
of the channeled inner-ring bearing indicates increasing slippage with increasing shaft speed at 667 N (150 Ibf) radial load.
In contrast. at 1334 N (300 Ibf) radial load. the cage speed ratio is close to the epicyclic speed ratio and varies only slightly
with speed.

Cage slippage in the channeled outer-ring bearing is greater at all conditions. This effect may be attributed to the pooling
of oil in the outer raceway channel. At 1334 N (300 Ibf) radial load, as the shaft speed is increased. the cage speed ratio
greatly decreases. This is shown in Fig. 10(e).

SUMMARY OF RESULTS

The computer program SHABERTH was used to analyze 35-mm-bore cylindrical roller bearings designed and
manufactured for high-speed turbomachinery applications. Parametric tests of the bearings were conducted in a high-speed,
high-temperature bearing tester. The results were compared with the computer predictions. Two bearing designs were
studied. one with a channeled inner ring and the other with a channeled outer ring. The test conditions were shaft speeds
from 50.000 to 72,000 rpm (1.75 to 2.5 million DN) and an oil-inlet temperature of 121 °C (250 °F). Bearings with a
channeled inner ring were lubricated through the inner ring, while bearings with a channeled outer ring were lubricated
with oil jets. Some tests were run with and without outer-ring cooling. The lubricant was a neopentylpolyol (tetra) ester
that met the MIL-L-23699 specification. The following results were obtained.

1. At all conditions tested, the bearing design with a channeled inner raceway and inner-land guided cage ran cooler and
with lower power demand than the bearing with its raceway channel in the outer ring.

2. Increasing external radial load to the test bearing from 667 N (150 Ibf) to 1334 N (300 Ibf) had no significant effect on
bearing ring temperatures or power demand. Generally, power demand increased with increasing shaft speeds and with
increasing lubricant supply to the bearing. Within the envelope of tested conditions, ring temperatures decreased with
increasing lubrication flow rates.

3. Applying cooling oil flow to the bearing outer ring outside diameter reduced outer-ring temperatures without affecting
inner-ring temperatures significantly. With this technique, bearing inner and outer rings could be thermally balanced. As a
result, less oil flow is needed in the bearing cavity, and the bearing power loss is reduced.

4. There is little difference in the cage speed ratios in tests with and without outer-ring cooling. However, with the
channeled inner-ring bearing, changing the radial load can affect the cage speed ratio significantly. With the lower radial
load. the cage slip increased with increasing shaft speed. In contrast, at the higher radial load, the cage speed ratio is close
to the epicyclic speed ratio and varied only slightly over the full speed range. The cage slip of the channeled outer-ring
bearings is larger than for the channeled inner-ring bearings at lower speeds and increases rapidly with increasing speed.

5. Reasonably good engineering correlation was obtained using the computer program SHABERTH for predicted bearing
power loss in comparison with measured values. As with ball bearings, the Parker formula for XCAV (in SHABERTH., a
measure of oil volume in the bearing cavity) needed to be adjusted to reflect roller bearing lubrication, ring design, cage
design, and location of the cage-controlling land.
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TABLE I.-—TEST BEARING SPECIFICATIONS

Bearing
Bore, mm (1N
Outside diameter. mm (in.) ..........

,,,,,, 35(1.3780)
.62 (2.4409)

Width. mm (in.) ....... L 14(0.5512)
......... RBEC 7
Surface composite finish. M N 0.130(¢5.1)

Cage
Dhametral fand clearance. mm (in.)
Outer-land-guided...
Inner-land-guided....

.0.254 (0.010)
.0.305(0.012)

Diametral roller pocket clearance, mm (in.) .....cconn.e... 0.356 (0.014)

Roller pocket axial clearance. mm (in.}........oocoveinrvennnnn. 0.178 (0.007)

Material ..o AIST 4340 per AMS 6415 silver

plated per AMS 2412 0.03 mm
(0.0012) thick

Hardness. Rockwell C...ooooooviiiiiieie e, 281032
Rollers

NUIMDET. ... e 16

Size

... 7.14 (0.281)
7.14 (0281
230(9.00)

Diameter. mm (in.) ..

Length, mm (in.).....
Fully crowned contour. radius
Acrospace crown

Flat length. mm (in.) ..........

End radius, mm (in.)..............

....... 3.57(0.141)
4572 (18.00)

Race

Surface finish. micron {(micro-inch) 012 (4.8)

Internal diametral clearance (IDC). mm (in.).c..coooooovveenn. 0.0533/0.0635
(0.0021/0.0025)

STLE life factors (from Ref. 15)
For matenal, a,

AISIM=50 et ee e e e 2
Processing

CEVM (VAR) PO

VIM-VAR.... I

For lubrication, @; ........cccvoovveeereiieccircireeer ... sec Table 3

TABLE 2.—PROPERTIES OF NEOPENTYLPOLYOL
(TETRA) ESTER LUBRICANT

Additives
Corrosion and oxidation inhibitors and antiwear and antifoam additives
Kinematic viscosity. ¢S, at
38 °C (100 of)

9F CC (210 0F ) oov et 5.22
204 °C (400 oF).... ... 1.31
Flashpoint, °C (o )........cccooviioiiioiiiee e 260 (500)
Autogenous ignition temperature. °C (oF) ..cocoovcrerriineioeerenans 421 (800)
Pour point. °C (o¥) -59 (-75)
Volatility (6.5 hr at 204 °C (400 o&)). wt® e 3.2
Specific heat at 99 °C (210 oF), kg °C (Btu/lb-oF)................ 2140 (0.493)

Thermal conductivity at 204 °C (400F),
Iimesec°C (Brushrft-od ..o 0.13(0.075)
..................... 0.931

Specific gravity at 99 °C (210 «F)
Specification ...

. MIL-L-23699
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Figure 1.—High-speed, small-bore-bearing tester.
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Figure 2.—35-mm-bore cylindrical roller bearing.
(a) Inner-ring channeled, under-ring lubricated and
cooled. (b) Outer-ring channeled, under-ring cooled.
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Figure 3.—Effect of Speed on maximum Hertz stress

for 35-mm-bore cylindrical roller bearing under
radial load.
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Figure 4.—Predicted bearing L, life of 35-mm-bore
cylindrical roller bearing. Material, AISI M-50 steel
having channeled inner ring (based on measured
ring temperatures without outer-ring cooling) as a
function of speed, material processing and surface
finish. (a) Effect of load. Composite surface finish,
0.05 um (2 uin.); roller geometry, full crown. (b) Effect
of surface finish. Radial load, 667 N (150 {bf); roller
geometry, full crown. (c) Effect of roller profile. Com-
posite surface finish, 0.05 um (2 pin.); radial load,
1334 N (300 Ibf).
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Figure 5.—Effect of lubricant volume percent (XCAV) on
bearing power loss calculated by SHABERTH computer
program. Bearing type; channeled inner-ring cylindrical
roller bearing; lubrication, through inner ring; oil inlet
temperature, 121 °C (250 °F); lubricant, neopentylpolyol
(tetra) ester (MIL-L-23699).
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Figure 6.—Effect of lubricant flow rate on measured
temperature of 35-mm-bore cylindrical roller bearing
with channeled inner ring. Temperatures measured
without outer-ring cooling. (a) Radial load, 667 N
(150 Ibf). (b) Radial load, 1334 N (300 Ibf).
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Figure 7.—Effect of lubricant flow rate on measured
and predicted power loss of 35-mm-bore cylindrical
roller bearing with channeled inner ring. Radial load,
1334 N (300 Ibf). (a) Power determined from thermal
data and mechanical test data. (b) Power deter-
mined from thermal test data and calculated from
SHABERTH computer program.
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Figure 8.—Measured inner- and outer-ring temperatures as function of speed and oil flow rate for 35-mm-bore
cylindrical roller bearing. (a) Channeled inner ring without outer-ring cooling; radial load, 667 N (150 Ibf).
(b) Channeled inner ring without outer-ring cooling; radial load, 1334 N (300 Ibf). (c) Channeled inner ring
with outer-ring cooling; radial load, 667 N (150 Ibf). {d) Channeled inner ring with outer-ring cooling; radial
load, 1334 N (300 Ibf). () Channeled outer ring without outer-ring cooling; radial load, 1334 N (300 Ibf).
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Figure 9.—Effect of speed on measured and predicted power loss of 35-mm-bore cylindrical roller bearing.
Power determined from thermal test data and calculated by SHABERTH computer program. (a) Channeled inner

ring without outer-ring cooling; radial load, 667 N (150 Ibf).

{b) Channeled inner ring without outer-ring cooling;

radial load, 1334 N (300 ibf). (c) Channeled inner ring with outer-ring cooling; radial load, 667 N (150 Ibf). (Test
data only.) (d) Channeled inner ring with outer-ring cooling; radial load, 1334 N (300 Ibf). (Test data only.)
{e) Channeled outer ring without outer-ring cooling; radial load, 1334 N (300 Ibf).
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Figure 10.—Measured bearing cage speed ratio for 35-mm-bore cylindrical roller bearing. (a) Channeled inner
ring without outer-ring cooling; radial load, 1334 N (300 Ibf). (b) Channeled inner ring with outer-ring cooling;
radial load, 1334 N (300 Ibf). (c) Channeled inner ring without outer-ring cooling; radial load, 667 N (150 Ibf).
(d) Channeled inner ring with outer-ring cooling; radial load, 667 N (150 Ibf). (e} Channeled outer ring without
outer-ring cooling; radial load, 1334 N (300 Ibf).
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